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Abstract

Free, out of plane vibration of a rotating beam with nonlinear spring—mass system has been investigated. The nonlinear
constraint is connected to the beam between two points on the beam through a rigid rod. Formulation of the equation of
motion is obtained starting from transverse/axial coupling through axial strain. Solution is obtained by applying method
of multiple time scale directly to the nonlinear partial differential equations and the boundary conditions. The results of the
linear frequencies match well with those obtained in open literature. Subsequent nonlinear study indicates that there is a
pronounced effect of spring and its mass. The influence of rigid rod location on frequencies is also investigated on
nonlinear frequencies of rotating beam.
© 2006 Elsevier Ltd. All rights reserved.

1. Introduction

Dynamic characteristics of rotating beam play a significant role in the overall performance and the design of
various engineering systems, such as, turbo-machinery, wind turbines, robotic manipulators and rotorcraft
blades. The determination of mode shape and natural frequencies of such rotating structures have been a topic
of primary importance and as such received considerable attention from various researchers working in the
related fields. Helicopter rotor blades are long, slender beams undergoing moderate deformation. During
operation these blades experience large bending and centrifugal loads. There has been a continued effort to
develop a mechanically simple yet efficient rotor blade and hub configuration. With the advancement in
technology, the design and construction of these helicopter rotors has become very simple with the
introduction of specialized elastomer with high loss factor [1,2], thus replacing the external hydraulic damper
in the blade. Huber [3] presented a comprehensive review of the development of modern helicopter rotors in
which elastomer plays an important role. The mechanical arrangement of the elastomeric damper leads to
additional nonlinear constraint during the deformation of the blade. Consequently, the dynamic analysis of
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advanced helicopter rotors (known as bearingless rotor) becomes complicated due to multiple load paths and
highly nonlinear characteristics of the elastomeric damper [4]. A study conducted by Hebert [5] utilized a set of
distributed, tuned vibration absorbers to introduce lag damping in the rotor system. It has been inferred that
this technique can be implemented on both articulated as well as bearingless rotors. Recently, A new model [6],
based on Anelastic Displacement Fields, has been developed for the Elastomeric materials used in bearingless
rotor to capture the frequency and amplitude-dependent behavior often exhibited by these materials.

Beam theories for moderate deformation have been developed by several researchers [7-10]. Following their
approaches, one arrives at nonlinear analytical models which are ultimately used to obtain the equilibrium
positions and subsequent linearized solutions.

Independent of the above studies related to helicopter blades, several researchers have made significant
contribution to the study of nonlinear dynamics of beams using perturbation techniques. Anderson [11]
formulated the nonlinear equation of motion of a rotating bar and obtained the natural frequencies from the
linearized equation. Using a harmonic balance technique, the nonlinear structural dynamic analysis of blade
model was performed by Minguet and Dugundji [12]. Nayfeh and his associates reported several studies to
determine nonlinear response of stationary beams under large deflection. Nayfeh et al. [13] proposed a
numerical perturbation method for the determination of nonlinear response of a continuous beam having
complicated boundary conditions. The nonlinear response of a simple supported beam with an attached
spring-mass system was also investigated by Pakdemirli and Nayfeh [14]. Nayfeh and Nayfeh [15] obtained
the nonlinear modes and frequencies of a simply supported Euler—Bernoulli beam resting on an elastic
foundation having quadratic and cubic nonlinearity. Recently, nonlinear normal mode shapes were
determined for a cantilever beam by using the method of multiple time scale [16]. Pohit et al. [17-19] has
modeled the characteristic of an elastomeric material and investigated the effect of nonlinear elastomeric
constraint on rotating blade. They have applied a numerical perturbation technique to determine the
frequency—amplitude relationship of a rotating beam under transverse vibration. Recently Pesheck et al. [20]
proposed a method for determining reduced order models for rotating uniform cantilever Euler—Bernoulli
beams.

Most of the studies on helicopter blades have focused primarily on the linearised dynamic analysis. Very
little information is available on the influence of the elastomer on the structural dynamic characteristics of a
rotor blade when the elastomer is included as a subsystem. Dowell [21] used the component mode analysis to
examine the effect of material nonlinearity in the form of a nonlinear spring—mass system attached to a simply
supported beam. Subsequently, Nayfeh and Nayfeh [15] and Pohit et al. [17], made attempts to study the effect
of a nonlinear constraint on a simply supported and rotating beam respectively.

In a recent paper [22], formulation of equation of motion of a rotating beam with nonlinear constraint has
been presented starting from transverse/axial coupling through axial strain. The nonlinear constraint with its
mass appears in the boundary condition, thus making it possible to study the influence of spring—mass on the
dynamic characteristic of the system.

The major objectives of the present paper are as follows:

(i) Formulation of equation of motion of a rotating beam with nonlinear constraint starting from transverse/
axial coupling through axial strain. However, following the concept of bearingless rotor, the nonlinear
constraint is connected to the beam between two points on the beam through a rigid rod.

(i1) Determination of nonlinear solution by applying methods of multiple time scale directly to the partial
differential equations and the boundary conditions.

(iii) Study the influence of the location of the nonlinear constraint and its mass on nonlinear frequencies.

2. Formulation

The dynamics of rotating beam differs from that of non-rotating one due to the addition of centrifugal
stiffness. The differential equations of motion for a rotating beam have variable co-efficient while those for a
non-rotating beam have constant co-efficient. Additionally, in the present problem, there is a transverse
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constraint at the point B (Fig. 1) in the form of a nonlinear spring of mass M. The other end of the spring is
attached to a rigid massless link EC, which is also rotating along with the beam AC. One end of the link being
free and the other end is attached to the beam at C. Thus, Fig. 1 represents a simplified model of an otherwise
very complicated bearingless rotor blade, in which elastomer occupies the position between points F and B.
Since damping does not play any significant role as far as the natural frequencies are concerned, the elastomer
connection is represented only by a spring element. It is to be noted that the deformation of the spring—mass
system depends not only on the deflection of the beam at point B, but also on the deflection and slope at the
point C. The motion is restricted to the transverse direction only, thereby eliminating lead lag and torsional
motion, and allows axial strain. The effect of rotary inertia is also neglected.

Introducing ()’ = space derivative with respect to x and (- ) = time derivative.

The expressions for the kinetic energy and the potential energy of the rotating beam are given in Eqgs. (1)

and (2), respectively.
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LA () v
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Fig. 1. Rotating beam with spring—mass system.
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Here ¢ denotes time, m denotes mass per unit length of beam, ET the flexural rigidity of the beam cross-
section, Q the angular velocity, 4 is the cross-sectional area of the beam, w;(i = 1, 2, 3) the transverse deflection
at the three segments of the beam AD, u;(i = 1, 2, 3) are the left, central and right axial beam displacements, o
and y are the coefficients of the linear and nonlinear terms of the spring, respectively, M is the mass of the
nonlinear spring and L is the length of the beam. The Egs. (1) and (2) are now introduced into variational
principle

15}
5/ (T — U)dt=0. 3)
1]
Thus, one can obtain the governing equations and boundary conditions as follows:
2 1 /
ma +sz(x+u1)+EA<u1 214/’%) =0, 0<x<L,, (4a)
o° 1 '
—m aMz}] EIw]" + EA{ ( + W f) w’l} =0, (4b)
62112 o) , 1 2 !
ma—z—i—mQ (x4+u)+ EA uz—i—zw2 =0, Li<x<lLl,, (5a)
azwz m ’ 1 /2 / '
M= Iwy)" + EA u2+§w2 wy o =0 (5b)
and
62 2 / 1 2 '
W—}—mQ (x+u3)+ EA u3—|—§w3 =0, L,<x<L, (6a)
o 1 '
—m % — EIwy + EA{ <u3 +3 w%) wg} =0, (6b)

wi(0,0) =0, w(0,0)=0, wi(L,5)=0, wy(L,1)=0,

2
wi(L1,t) = wao(Ly, 1), W(Ly,0) = wh(Ly, 1), wi(Li,t) =wy(Ly,1),
wo(La, 1) = wi(La, 1),  wh(Lo,t) = wi(Lo, 1),
— EIW} + EIW! + oLy — LA +9(Ly — L)A* + (Ly — L)MA =0 atx = L,
EIwy — EIW) —od — A —MA=0 atx=L,,

1 1
EIw{'(Ly,t) — EIWy (Ly,t) — EA (“/1 —i—wﬁ) w) + EA (u/z 7V 2>w2 +od +943+ MA =0,

1 1
—EA(uq zw,) +EA(u2+2w2> + MO (L +u) =0 atx=Ly, (7)

1
u(0,) =0, wi(Ly,t) =u(Ly,1), ur(La,t) =us(La,t), (Lo, t) =us(Lo,t), uy+ §w’§ =0 atx=1L.
(8)

The first four equations of (7) represent the end boundary conditions in the transverse mode of vibration of
the rotating beam. The equations fifth to 12th of Eq. (7) describe the balance of shear forces, slopes and
deflections in the transverse direction at x = L; and L,, respectively. The 13th equation and the last equation
of Eq. (8) indicate that axial deflections at x = L; and L are zero.
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In the above derivation, the following assumptions are made

ow1(0,1)

=0, u(0,£) =0 or aconstant,
Ox

ow)=0 atx=0 and w(0,1)=0

At this stage, the following non-dimensional quantities are introduced.

N o
L) l_r’ I_ra nl La 172_L)
EAr EI

o= e=—. =0 i=123,

mQLr T mQP LA L’
where r is the radius of gyration of the cross-section of the beam having length equal to L.
Governing equations and boundary conditions can be written as

2 azul ’ 1 2 '
€ ( T +u1) +x+a<ul+§wl> =0, 0<x<y, (9a)
0? '
- awl /1”’+a{< w1>w’l} =0, (9b)
s
82< T +u2> +x+a<u2 —w2> =0, n<x<n,, (10a)
a W2 Wi '
~ Bz ™ +a u2+ w2 wye =0 (10b)
ous
82( 2 +u3) +x+a<u3+ w’%) =0, n<x<lI, (11a)
—a——aw;’” {( )wg} =0, (11b)

1 ;1
(ul +2w’2> + <u2+§w§> +os(n, +&u)) =0 atx =y,

’ / ’ 1
ul(O: t) = 0’ ”1(711: t) = M2(171, l)’ UZ(’?za t) = M3(172, l), uz(’/]b [) = u3(']25 t)a Uy +3 w 3 =0 atx= 1

2

WI(O, t) = 0’ W/I(O’ t) = 07 Wl(’ﬁ, t) = M}Z(’/Il’ [)’ M/l(n]: t) = W/z(’ﬁ, t)a
W " ’ 1 2 / 1
wi'(n, 1) —wh (g, 1) — ”1+§W1 wi + ”2+2W2 wz—{—oclAl(nl,t)—i—OQA (nl,t)+a3A1—O

Wi, 0) = win, ) =0,  wa(g2, 1) = wa(ny, 1), Wi(112, 1) = Wi(1,, 1),
—wy = Wy + (1, — n)oundy + (ny — 0o} + (i, — n)osdy =0 atx =,
11 11/

wh —wy —oydp — oczAf —o3w; =0 atx=1,,

wi(l,))=0, wi(l,7)=0. (12)

It is to be noted that stars (*) are removed from all the quantities for convenience.
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In the above equations, co-efficients o, o, o3, 4, and A, are defined as follows:
_al? L _merr a4, A
= El , oy = El . o3 = 1 = >

A El PR

Neglecting small order terms {O(¢?)}, the governing equations may be written as

x—i—a(u’l—i-%)/v’%)/zo, 0<x<y, (13a)
_% —awl” + a{ <u’1 + %w'%) W) }/ =0, (13b)
x+a(u’2+;w€)/ =0, n<x<n,, (14a)
_%_awyw{ (L,;%W'g)w;}/ _o, (14b)
x—i—a(ug—i—%w’iyzo, n,<x<l, (15a)
—% —awy’ + a{ <u’3 + %w’%) wg}, =0, (15b)

/ 1 2 ’ 1 /2
- ul~|—§w1 + u2+5w2 +oa3n; =0 atx=n,

/ / / ] /
w(0,0) =0, wi(ny, 1) =uany, 1), w0 =u3(n,1), ur(ny, 1) =u3(n5,0), U +§W§ =0 atx=1,

W](O, t) = O’ WI] (O> t) = 0, Wl(’h, t) = WZ(’/II’ [)’ W,I (’119 t) = w,2(’71’ t)’

wi'(ny, 1) — wa'(y, 1) — (”/1 + %W/%) W + (“/2 + %‘V%)W/z +ou A1 (. 1) + 024300y, 1) + 0341 = 0,

W,I/(nls t) = M}/ZI(’/II’ t)a W2(772: t) = W3(’72’ t): M/Z(n23 t) = M}%(nzs t)a
—wh — W,3, + (ny —npoe Ay + (ny — ’71)0524‘; + (1, — ’11)0€32‘1 =0 atx=n,,

wy —wy —ady — oczAf —o3w; =0 at x=1,,

wi(l,))=0, wi(l,7)=0. (16)
Integrating Eqs. (13a), (14a) and (15a), one gets
1 1
§x2+a(u/l+§w’f> =11, 0<x<n, (17a)
1 2 ’ 1 2
X Faliy 5wy =f2(0), n<x<n,, (17b)

1 1
Exz—l—a(ug—f—iw’g) =140, m<x<l. (17¢)
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At x = 0, one obtains from Eq. (17a),
0+ au(0,1) = f(¢).
At x = n,, one can write from Eqs. (17a) and (17b),

1 1 1 ! '
Erﬁ —i—a(u’l +§w/%) - 5’7% - a(ulz +§W€> =110 = 12(0).

However, using the first boundary conditions of Eq. (16), one may write
aosiy = f1(1) = /().
One obtains from Egs. (17b) and (17¢)

1 1 1 co
517% +a<u’2+§w/§> —5775 —a(u3 +§W %) = /(1) = f5(0).

However at x = 1,, uy = uj and w), = w}
Therefore, f,(f) = f5(¢)
At x = 1, one obtains from Eq. (17c),
1 1
§+a x 0= f3(t) = f3(0) =5
Thus

1

1
f0=f30=5 and f()=azn +5. (18)

Eliminating | and u; from Eqs. (13)—(15), and with the help of Eq. (18), one gets the governing equations in
transverse mode as

o’ 1
—% —aw{" — xw| + (aozn)w] + 5(1 — X! =0, 0<x<n,
Gh 1
—% —awy’ — xwh + 5(1 — Xy =0, 1 <x<1,
62W3 11 ’ 1 2N,
—W—am —xw3+§(l—x)w3=0, n,<x<l. (19)

The corresponding boundary conditions are given as

wi(0,0) =0, wi(0,0)=0, wi(n;,1)=wan,1), win,1)=wyn,1),

Wi (g, 1) — Wy (ny, 1) — oWy + g dy + o0di + 0341 =0 atx =n,,
win, 1) = wing, 0, wains, ) = wi(iny, 1), Wi, 1) = wi(n, 1),

—wy = Wi+ (i — m)a Ay + (13 = n)oady + (1, — noady =0 at x =1,

why —wy — o dg —oczA?—ocﬁizl =0 at x=1,,

wi(l,))=0, wi(l,7)=0. (20)
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2.1. Solution methodology

For the subsequent solution of the above nonlinear equations, one may uses the method of multiple scale
and seeks expansions of the solution for frequency-amplitude in the form

wi(x, t;€) = ewi1(x, To, T2) + e wis(x, To, T2) + &> wis(x, To, T2) + - - -,
wa(x, 1;8) = ewa1(x, To, T2) + & was(x, To, T2) + & was(x, To, To) + - - -,
wi(x, ;8) = ews(x, To, T2) + e wa(x, To, Ta) + & w3s(x, To, T2) + - - -, (21)

where, wy,, wy, and ws, are O(1); ¢ is a small dimensionless parameter (defined earlier); Ty = ¢ is a first time
scale characterizing changes occurring at w,,, where w,, are the natural frequencies of the beam—spring system,;
and T, = &%t is a slow time scale, characterizing the modulation of the amplitudes and phases due to
nonlinearity [23].

Substituting Eq. (21) in Egs. (19) and (20), one obtains different order equations of e.

Order &:

1
2 2
— Dywii — awl| — xwi, + (axsn)wy, +§(1 — X, =0, 0<x<n,

1
2 2
— Dywyy — awh] — xwh, + 5(1 — Xy =0, n<x<n,,

1
— D3ws1 — aw}] — xwh, + 5(1 — W, =0, n<x<l, (22)

wi(0,0)=0, w,;(0,0)=0, wi(l,0)=0, wj(l,1)=0,
wi(ny, ) = war(ny, 0, wi @y, 1) = wh(ny, 1),

Wi, ) = wy (1,0, wai(i, 1) = wai (1, 1),

wh (12, 1) = W5,(12, 1),

/1

wip —wh — (aanwy, + o4y +oc3D(2)A11 =0 atx=y,

Wiy —why + (1 — n)oadn + (1, —n)esDiAn =0 atx = n,,

1"

Wy — Wi —ondi — O€3D%AII =0 at x=1p,, (23)

where, 41112 = wa1(1n,) — (1, — n )Wy, (n2) — wir(ny) and D§Ayy = Diwai(n,) — (1, — 1)Wh, (1) — Dgwii ().
Order ¢:

1 /7 1 /! 1!
D%wn +awly + xwiy — 5(1 — xz)w13 — (auzn W)y = =2DgDrw1y, (24a)
D%W23 + awyy + xwhy — %(1 - 362)14/2’3 = —2DyD>rw», (24b)
D%W33 + awiy + xwiy — %(1 — xz)wg’3 = —2DyD>w31, (24c¢)

wi3(0,0) =0, w50,0)=0, wi(1,0)=0, wi(l,1)=0,
wiz(y, 0) = waa(y, 1), Wwis(ny, 1) = whs(ny, 1),

Wis(n1,0) = wis (1,0, was(ia, 1) = w3z, 1),

W,23(’72’ H = W/33(’72’ 1),

a a

w30y, 1) — wys(ny, 1) — o3 wis(ny, ) + o1 413y, 2) + OC24‘?1(’117 7
+ a3 D A13(y, 1) + 203 D2 Do A1 (1, 1) = 0,
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W33 (1, 1) — Whs (1, 1) 4 (ny — e A13(, 1) + (5 — 771)0‘24‘%1(’12» )]
+ (15 — m)o3{D§A13(n5, 1) + 2D2 Do 411 (115, 1)} = 0,
W/2N3(’729 t) - 1/1}%/?’)(7]29 t) - O(IA|3(7727 t) - 0‘24]?1(’72, l)
— a3{D3A13(1, 1) + 2D2 Do A11 (11, 1)} = 0, (25)

where, Dy = 0/0Ty and D, = 0/0T>.

2.2. Linear solution
At order &, the equations and boundary conditions are linear and hence the solution is assumed of the form

wi = {A(T2)e"T" + c.c.}y (%),
Wo = {A(Tg)ei‘“TO + c.c.}yy(x),
w3 = {A(T2)e T + c.c.}ys(x), (26)

where c.c. is the complex conjugate of the preceding terms and y,(x) are the displacement components only.
Introducing Eq. (26) in Egs. (24) and (25) one gets

i 1 /! /!
v _5(1 — 0] = (aosn)y] +xy) — 0’y =0, 0<x<p,

"1 1 1/ /
ay, — 5(1 — X+ xph — Py, =0, g <x<n,,
mnn

1 /) /
@ =S (L= )+ xyy —o’yy =0, m<x<l, 27)

11(0)=0, »(0)=0, ;()=0, y'(1)=0, (1) =ysn),
W) =y, W) =y, »01) = y3012), ¥5(n2) = ¥3(n2),
W) = ¥5(ny) = ©an)yy(ny) — 01y2(12) — o (ny — 17)y3(1)
— w1 () — 030, (115) + 03(1n, — ﬂl)wzy,z(ﬂz) + o307y, () = 0,
)/3/(’12) - )/z/(’h) +o1(112 — m)y2(12) — o1 (172 — 11])2)/2(772) — o1 (ny —n)yi(m)
— 03(11y — )y, () + 03(, — ’71)20)2}7/2(’72) + a3(1, — )y, (1) = 0,
Y3012) = ¥i(n2) — auya(n2) + a1 (g3 — 0)ya(m) + 01y () + 0307 5(172)
—o3(1, — 7]1)0’2)’/2(772) - 0‘3602%(’11) =0. (28)

The power series solutions of the Eqgs. (27) and (28) can be expressed as
oo
»(x) = ZAkxk_l, 0<x<n,
k=1
[o¢]
nx) = Zkakq, N <X<1,,
k=1

e =Y G <<l (29)
k=1
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Substituting Eq. (29) in Egs. (27) and (28), one obtains the following recurrence relationship and the
boundary conditions.

I Aprs — (0.5 + aozn;) - 0.5[k(k — 1) — 2w?] L—o,
alk + 2)(k + 3) ak(k + Dk + 2)(k + 3)
_ _ 2
LB =20 g)ik F3) B2t al?(lf [Jli(llc)(kli 2)(215) +] 3) Be=0.
_ _ 2
LG = 0t g)ik +3) G2t a.l?('lf[—]i(llc)(k:)— 2)(213) +] 3) G =0, (30)
A =0, A, =0,

Cilk — 1)k —=2) =0,
=1

=

Ak = D™ =~ Bi(ke = i > =0,
k=1

Ak = D)k — 2t = Bi(k — 1)(k — )i~ =0,
k=1 k=1

> Al = Dk = 2)(k = 3y =Y Bilk = Dk = 2)(k = 3y~
k=1 k=1

o0 o0
— (o — @*03) Y Ay = (a23) Y Ak — Dy
k=1 k=1

o0

+ (o —030%) Y Bk = s~ = (1, =)o — w’a3) Y Bik — ny > = 0,
k=1 =1

o0 o0
D By = G =0,
k=1 k=1

Bi(k — s> = > Crlk — s> =0,
k=1

[M]e

>~
Il

o)

Bi(k — 1)k = 2)57> = Calle = D)k = 2057 + (1, — m)*(on — 0’13)
k=1 k=1

o0 o0 o0
> Biulk — D5 + (ny = m) (o — 0%a3) Y Any ™ — (1, — i) — ’03) > Bins ™! =0,
k=1 k=1 k=1
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> Bilk— 1)k = 2)(k = 35 = > Cilk — D)k — 2)(k — 3)n5™*
k=1 k=1

o oo o0
+ (0 — ) — @0%03) > Bilk — Db + (o — ’a3) Y Awnf ™' — (a1 — 0’03) > B~ =0, (31)
k=1 k=1 k=1

If the power series is truncated at the Pth term, then there are altogether 3P unknown coefficients. From the
recurrence relations (30) and the boundary conditions (31) one obtains 3P simultaneous linear homogeneous
equations. For a non-trivial solution, the determinant of the coefficient matrix must vanish. Thus, setting this
diterminant equal to zero, one gets the frequency equation which is solved numerically for unknown linear
frequency w.

2.3. Nonlinear solution

Since the homogeneous part of Egs. (24) has a non-trivial solution, the inhomogeneous Egs. (24) have a
solution only if a solvability condition is satisfied [21]. In order to find this condition, their solution is
expressed in the form:

wiz(x, 1) = [A(T2)eT0 + c.c]@1(x) + Wi(x, To, T2),
was(x, 1) = [A(T2)eT0 + c.c]@r(x) + Wa(x, To, T2),
w33(x, 1) = [A(T2)eT0 + c.c]®3(x) + Wilx, To, T). (32)

Substituting Eqs. (32) in Eqgs. (17) and (18) and collecting the co-efficient of ¢®7¢ and equating to zero (i.e.
removing the secular term), one can obtain

1 /A
{a(I)’{” + x®) — 5(1 — x| — o P; — (aoc3171)¢>’1} = —2(iw) (Z) y1(x),

1 A’
{mpg’/ + x®) — 5(1 — XN, — wztDz} = —2(iw) (Z) P,(x),

I A
{awr o= S 20 - o2 f = 2o ()0, o

@(0) =0, (15’1(0) =0, dig’(l) =0, <15’3”(1) =0,
D1(1y) = ©2(ny), ‘P’l(m) = @/2(’71): @/1/(711) = ¢/2/(771)
Da(1y) = P3(1ny),  Py(11y) = P(12),

a /1! / 30_2 A/ :
D' () — D5 (1) — (3P () + 1013 + o2 <—) 01, — 030813 + o3 (-) (2iw)oy; =0,

4 A
// /7’ 30-2 3 2 A/ .
D3(ny) — 3 (np) + (2 — my) {21013 + 02 T 07— 013 + 03 vl (2iw)or | =0,
" " 30-2 3 2 A .
DY (1) — D3 () — |o1613 + o2 e 07— 13 + o3 i iw)dy | =0, (34)
where
04 1 . -1
r_ o4 _ ! i0(T) _1 2
A = 3T, A(T>) 20(T2)e and AA4 17
Defining

O11 = yo(m) — (11, — ’71))2/2(772) = y10m),
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013 = Da(ny) — (ny — ) P5(ny) — P1(ny),

A3 = (o, 1) — (12 — n)Way (12,2) — wia Oy, OF
=[461°T + c.c.]P +
= [34245},e“T + c.c]+---,

A%:& = [W23(’729 Z) - (’12 - ’71)“/23(”/2, t) - W13(’719 l)]
= [A513ei“’T° +ccl+---,

Dodiz = — (1)2A513Cin0 + c.c.,
DyDyAy = A’(ia))éllei‘”TO + c.c.

and using the relationship

—2iw ( Oc 00
—2(1w) (ln A) = (Tz) (6—T2> + 2w ﬁ

into Egs. (33) and (34) and equating real and imaginary parts one gets,

1 00
{aq')’{” + x@| — 5(1 — X — by — (aoc3171)q5’1’} =2w 3T P (), (35a)
2
" / 1 2 Vi 2 69
a®y" +x0y — (1 = x°)P; — 0" Py p =20 — y,(x), (35b)
2 oT,
" / 1 2 " 2 60
a®y’ 4+ x5 — 5(1 —x)Py — 0 P3 aT y3(x) (35¢)

and 0¢ /0T, = 0.
Boundary conditions are

21(0)=0, &)(0)=0, @5(1)=0, @Y(1)=0, @1(7,)= Da2(n)),
¢/1 (m) = 4’/1 (m)s ¢,1,(771) = ¢/2/(’11), D>(11,) = P3(11p),

(1)) = P3() DY (1) — D3 (m)) — (o3 )Py () + 1613

3 00
+ 0(2( 7 )5?1 063602513 —2w0301] =—— =0,

o7,
/" ” 30° o0
D3(np) — P5(nn) + (112 — my) {061513 + o (T) 81, — 0307313 + 200301 6—T2] =0,
1" " 30 60
D3(ny) — D5 (ny) — [061513 + 062( 1 )5?1 — 0307813 — 200301 GTJ =0. (36)
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Multlplymg Eq. (35a) by y1, Eq. (35b) by y,, and Eq. (35¢) by y3 and integrating over f " dx, ,;7]2 dx and
f dx, respectively, and subsequently adding, one obtains

m 1
/ {a@p/lw + xq’ﬁ - 5(1 - xz)‘p/{ - C02‘151 - (510(3’71)@,1/})’1 dx
0
>
+ / {a(Pé”' +x@, — 7(1 — xz)tpz — 0’d, }yz dx
m

1
1
+ / {aég’” + xP} — 5(1 — XN — o’ bs }y3 dx
m

n o m
= 2wl (/ yidx + / y5dx + / »3 dx) : (37)
0 m m

After some algebraic manipulation left-hand side of Eq. (37) becomes
3a0y6%07) — 2waos 087,

The detail of the algebraic manipulation is given in Appendix A.
Therefore, one may write

3 m T 1
3 anya*dt, — 2waos0'85, = 200’ (/0 yidx + / y3dx + / 3 dx) . (38)
m T

m b 1
by =/ yfdx—i—/ y%dx—i—/ 3 dx.
0 7l >

0 = (3““2 (,—2) & % (39)
8w by + au307,

Let us assume
Then Eq. (38) becomes
On integration, one obtains

3 T
0= (_z a2>(5‘1‘1722,
8w by + aosdy,

Considering, 75 = &’t, 0 = A /¢ and o4 = aaj, the above equation becomes

3 1 ~
0 = ( ““2) e At (40)
8w b + 0(4511
Thus, from Eq. (40), one can obtain the frequency—amplitude relationship as
3am\ 4 1 ~2
g <8w> by 4 ad? @D

3. Results and discussion

The numerical results obtained by using the methods outlined in the previous section are presented below in
two parts. The data used are given in Table 1.
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Table 1
Data for the beam to obtain the numerical results

m=9.7kg/m, L=66m, a=0.0106, Q=328rad/s, o= 1000

Table 2
The first three linear natural frequencies of the rotating beam without spring («; = 0.0) with comparison of the other references

First mode Second mode Third mode
Present study 1.1244 3.4073 7.6170
Pohit et al. [17] 1.1245 3.4073 7.6218
Friedmann et al. [24] 1.1250 — —
Gupta et al. [25] 1.1247 3.4089 7.6376

Table 3
The first three linear natural frequencies of the rotating beam with massless linear spring (M = 0) for various locations (1,) of the torque
tube; n; = 0.1

12 First mode Second mode Third mode
0.15 1.12465 3.40768 7.61706
0.20 1.12658 3.40845 7.62710
0.25 1.12972 3.40732 7.71556
Table 4

The first three linear natural frequencies of the rotating beam with spring with mass system for various locations (17,) of the torque tube
with oy = 0.15

12 First mode Second mode Third mode
0.15 1.12494 3.40874 7.61962
0.20 1.12685 3.40943 7.62175
0.25 1.12998 3.40844 7.64637

3.1. Linear analysis

The natural frequencies of the rotating beam are obtained by using the power series method. First the
analysis is carried out without spring. The roots of the frequency equations (Eqs. (27) and (28)) are obtained
by the power series method following an iterative search procedure. The results are presented in Table 2. It is
observed that these results so obtained are in excellent agreement, with those presented in Refs. [17,24,25]. In
the present problem, the order of the determinant is taken as 300 x 300 to guarentee the convergence for the
numerical calculation (convergence occured in the order of 240 x 240). For calculating the value of the natural
frequency (). we have taken the tolerance limit for error as 107"

Next the first three natural frequencies of the rotating beam with spring attached at different locations
(12 =0.15, 0.20 and 0.25) are determined. In this case, the mass of the spring is neglected. The value of
dimensionless spring constant o is assumed to be 1000. The same analysis is also carried out taking the mass
of the spring into account. It is to be noted that in order to compare the mass of the spring with respect to that
of the beam, a new non-dimensional number a4 (= acz = M /mL) has been introduced in Eq. (40). The results
are presented in Tables 3 and 4 corresponding to o4 = 0.0 (massless spring) and o4 = 0.15 (mass of the spring
is 15% to that of mass of the beam) respectively. It is observed that due to the presence of the mass, the first
natural frequencies for different spring locations (17, = 0.15, 0.20 and 0.25) have increased whereas those of the
higher modes have diminished. It is evident that influence of mass of the spring on natural frequency is not
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very pronounced when the spring is located near the root (up to n, = 0.15). However, when the spring is
located at 7, = 0.20 or above, the mass of the spring should not be neglected while determining the linear
frequencies as these values deviate from that of massless spring. Comparison of Tables 3 and 4 reveals that
with the inclusion of spring mass, the magnitude of third natural frequency decreases while the first two
frequencies exhibit reverse trend.

3.2. Nonlinear analysis
It has been observed that, elastomeric material exhibits nonlinear characteristics so far as the amplitude of

motion is concerned. As the amplitude increases, degree of nonlinearity becomes more predominant. In this
section, the aspect of nonlinear frequency with respect to amplitude of motion is addressed.

Table 5
The values of b, and y,(1») for the first three modes and for various locations of the torque tube on the beam with massless spring system
1 First mode Second mode Third mode
0.15 by 0.52186e % 0.156716e % 0.16385¢ "7
2 () 8.54820e % —4.97205¢™ % —1.08344¢™0%
0.20 by 0.45096¢ % 0.149762¢ % 0.19248¢ 07
2 (12) —0.00130 7.57158¢ %% 1.63049¢~ %%
0.25 by 0.37072¢ 9% 0.15993¢ 9% 0.33031e7°%7
v2(12) 0.00172 0.00105 2.45745¢ %%
Table 6

The values of b; and y,(17») for the first three modes and for various locations of the torque tube on the beam with spring mass system
(04 = 0.15)

> First mode Second mode Third mode

0.15 by 0.50197¢ 20 0.15138¢ %% 0.15794¢%7
¥2(12) —8.36419¢ % 4.87704¢ %% 1.06267¢~%%4

0.20 by 0.43622¢7°0 0.14552¢ %% 0.16323¢=°"7
¥2(m) —0.00127 7.44880e 1.51596e %%

0.25 by 0.36045¢ 204 0.15355¢7%0° 0.19655¢=°7
¥2(m) 0.00169 —0.00103 1.9631¢™%%
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Fig. 2. Variation of first nonlinear frequency with amplitude of oscillation (massless spring o4 = 0.0, 1, = 0.25).
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Fig. 3. Variation of second nonlinear frequency with amplitude of oscillation (massless spring o4 = 0.0, 1, = 0.25).
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The nonlinear frequency—amplitude relationship of the rotating beam with spring-mass system is given in
Eq. (41). Calculations are performed with a value of nonlinear spring constant () as 10°. It may be noted that
nonlinear spring constant of the elastomeric material actually used in helicopter rotor blade exhibits even
higher value, Pohit et al. [17].

In order to obtain the nonlinear frequencies of the blade—spring—mass system, the value of b, and y,(1,) are
calculated for the first three modes of vibrations. They are presented in Table 5. In this Table, the mass of the
spring is neglected, i.e. a4 = 0.0. The corresponding values of b; and y,(1,) with spring—mass system
(a4 = 0.15) are furnished in Table 6.

Having obtained the necessary numerical data (Tables 5 and 6), the nonlinear natural frequencies are
obtained. The location of the torque tube is at n, = 0.25 and that of the spring is at #; = 0.1. Figs. 2-4 show

Amplitude(d) —»

.4075 3.408 3.4085 3.409 3.4095 3.41 3.4105
o, —

Fig. 6. Variation of second nonlinear frequency with amplitude of oscillation for different locations of the torque tube with massless
spring (04 = 0.0). —— 1, =0.15; ...... 1, = 0.20; — n, = 0.25.
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Fig. 7. Variation of third nonlinear frequency with amplitude of oscillation for different locations of the torque tube with massless spring
(s =0.0). ——n, =0.15; ...... n, = 0.20; — 5, = 0.25.
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the variation of first three natural frequencies of the rotating beam with the tip amplitudes when mass of
spring is neglected.

The dynamic characteristics of the rotating beam are analyzed for different torque tube locations. In
Figs. 5-7, variations of nonlinear frequencies are plotted with the tip amplitude for different torque tube
locations (1, = 0.15, 0.20 and 0.25) when spring location remains constant. It is observed that location of the
torque tube has pronounced effect on frequencies and degree of nonlinearity increases with the increase in the
value of #,. Similar results are obtained considering the mass of the spring (oq = 0.15). Figs. 8-10 exhibit the
variation of the first three natural frequencies with tip amplitudes when torque tube is located at 0.25
(n2 = 0.25).

Figs. 11-13 show the variation of the first three nonlinear frequencies with tip amplitudes for different
values of torque tube locations (1, = 0.15, 0.20 and 0.25). However, the natures of the curves are found to
follow the same pattern as those of Figs. 5-7.
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Fig. 8. Variation of first nonlinear frequency with amplitude of oscillation (spring with mass oy = 0.15, 7, = 0.25).
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Fig. 9. Variation of second nonlinear frequency with amplitude of oscillation (spring with mass oy = 0.15, 1, = 0.25).
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Fig. 10. Variation of third nonlinear frequency with amplitude of oscillation (spring with mass o4 = 0.15, 1, = 0.25).
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Fig. 11. Variation of first nonlinear frequency with amplitude of oscillation for different locations of the torque tube with spring mass
(04 =0.15). ——n, =0.15; ...... 1, = 0.20; — 5, = 0.25.

A study has been also carried out to highlight the influence of spring mass on nonlinear frequency. The
location of the torque tube is kept at n, = 0.25. Variations of nonlinear frequencies with tip amplitudes are
plotted with nonlinear spring with mass (o4 = 0.15) and without mass (o4 = 0.0). The results of the first three
modes of vibration are shown in Figs. 14-16. In all modes of vibration, as the amplitude of vibration increases,
the effect of spring mass becomes more prominent. For the higher modes of vibration, the natures of the
curves are very appreciably indicating the fact that it is not wise to neglect the mass of the spring in order to
simplify the problem. It has been observed that the position of the backbone curve for the third mode has been
shifted (Fig. 16) when compared to the first two frequencies.

It is interesting to know the effect of design changes on nonlinear frequencies of the rotating blade. In the
present problem, the spring is attached with a rigid massless link, which is also rotating along with the beam
AC. One end of the link is free and the other end being attached to the beam at a point towards the free end. In
Ref. [22], the authors made a similar study in which the one end of a nonlinear spring is attached to the
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Fig. 12. Variation of second nonlinear frequency with amplitude of oscillation for different locations of the torque tube with spring mass
(g4 =0.15). ——n, =0.15; ...... 1y, = 0.20; — 5, = 0.25.
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Fig. 13. Variation of third nonlinear frequency with amplitude of oscillation for different locations of the torque tube with spring mass
(4 =0.15). ——n, =0.15; ...... 1, = 0.20; — n, = 0.25.

rotating beam and the other end is attached to a rigid link that is also rotating with the beam. The first
nonlinear frequencies for the present case (17, = 0.20 and 0.25; 5, = 0.1) are superimposed on the frequency
plot of Ref. [22] and are shown in Fig. 17. In Ref. [22], the location of the spring is taken as # = 0.20 and 0.25.
It has been observed from the figure that not only the linear frequencies differ from one another but also the
nature of the frequency plots vary. With the present configuration of the rigid link, degree of nonlinearity is
decreased for both the locations of the torque tube.

4. Concluding remarks

Linear and nonlinear free vibration of a rotating beam under flap bending has been investigated. The beam
is rotating with a transverse constraint in form of a nonlinear spring having finite mass. Formulation of the
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Fig. 14. Influence of first nonlinear frequency with 1, = 0.25. —— oy = 0.0; —— oy = 0.15.
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equation of motion of the rotating beam along with the nonlinear constraint have been presented in the paper
starting from transverse/axial coupling through axial strain.

For linear problem, first natural frequencies are obtained for rotating beam without spring mass
attachment. The results found are excellent agreement with the published results of other researchers. The first
six linear frequencies are also calculated for a few location of the spring—mass system. It is revealed that the
effect of spring mass is quite prominent on certain spring location, and it is not advisable to neglect spring
mass while calculating natural frequencies of the system. The method of multiple time scale is directly applied
to the partial differential equations and boundary conditions to determine the nonlinear frequencies of the
system.

A closed form frequency—amplitude relationship of the rotating beam along with spring—mass system is
obtained. The effect of the mass of the spring on nonlinear frequencies is also investigated. It may be
concluded that mass of the spring plays a significant role in predicting frequency—amplitude relationship.
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Fig. 16. Influence of third nonlinear frequency with #, = 0.25. —— a4 = 0.0; —— a4 = 0.15.
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Fig. 17. Comparison of the frequency—amplitude relationships of the first mode of vibration under different design conditions. Present
study: e—eo o— @ 1, = 0.20; —— 1, = 0.25; ——; = 0.10. Ref. [22]: — — - = 0.20; — x — n = 0.25.

Further study is conducted to highlight the influence of the location of the spring—mass system on the rotating
frequencies of the beam and it is noted that location of the spring exhibits significant effect on nonlinear

frequencies.
An investigation is also carried out to assess the effect of design changes on nonlinear frequencies of the

rotating blade. It is noted that with the present configuration of spring and torque tube, degree of nonlinearity

is reduced.
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Appendix A

Left-hand side of Eq. (37)
m
/ {G(D'{” +x@) — —(1 — )] — P - (Wﬂ?l)q}/{}yl dx
{ Py 4 x Py — 5(1 — X)) — wzcbz}yz dx
1
{atpg’/ + x®) — 5(1 — XN — 0’ Dy }y3 dx

m 2 1
=a/0 "y, dx+a/ CD’Z”’yzdx—}—a/ DYy dx

m m

nd [l , d [l ,
—/0 o [E(l — xz)(Dl}yl dx —/ o {5(1 - xz)@z]yz dx
m
Ldqnn ) m
_ I 1_ ¢/ _ @//
/ﬂz dx {2( x7) 3})’3 dx (0“3’11)/0 1y dx

m 1 1
—wz/ Dy, dx—a)z/ <1§2y2dx—w2/ D3y, dx.
0 m m

After using boundary conditions on y(x) and @(x) from Eqgs. (28) and (36), with some algebraic
manipulation one gets the following:

m Lb] 1
a/ 1"y, dx + a/ 3"y, dx + a/ D" yy dx = (aosny)y (n) P ()
0 n M

/ / 3 mn
— (aosn) @1y () — Zawoc35%19 + (Z O'2>Cl0!251] + a/o y{ @, dx

1
+ a/ VY @, dx + a/ VY ®3dx, (A1)
m Uk

—/mi —(1 =)@, |y, d /}1zi L=l y,d —/li L= e |pd
o d Al y, dx 2 228 y, dx |2 SRAE] e
mod [l nod [l bd 1
=— | —|z(0=x*|®dx— | — |z —=x),|® _/__1_2/(1; A2
[ g g [M L0 —em|emax= [ ia- e @
and
h 1 / / g v
~Cansm) [ @y dx = @ 0% ) + @)@ — @) [ yioidx A
using Egs. (A.1)—~(A.3), left-hand side of Eq. (37) reduces to
g " 2\ 2 Vi
/0 [ayl + Xy — (l—x)y1—wyl—(aocsm)yl]@dx

P 1
+ / [ay/zw + xy5 — 5(1 — X7 — 602)’2] P, dx
m
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|
p” 1
+/ [a)@ + Xy — 5(1 — xz)yg’ — w2y3 &5 dx
>

g

3
(4 62) %yad], — 2awo30'97,

02) oczaé?] — Zawaﬁ/é%l (simplified form obtained after using Eq. (27)).

1w

References

[1] J.L. Potter, Improving reliability and eliminating maintenance with elastomeric dampers for rotor systems, Lord Library No.
LL2120, 1959.
[2] D.P. Mcguire, The application of elastomeric lead-lag dampers to helicopter rotors, Lord Library No. LL2133, 1960.
[3] H. Huber, Eighteenth European Rotorcraft Forum, Avignon, France. Will rotor hubs lose their bearings? A Survey of Bearingless
Main Rotor Development, 1992.
[4] W.G. Bousman, R.A. Ormiston, P.H. Mirick, Design considerations for the bearingless rotor hubs, Thirty-ninth Annual Forum of
the American Helicopter Society, St. Louis, USA, 1983
[5] C. Hebert, Rotorcraft blade lag damping using highly distributed tuned vibration absorbers, Thirty-ninth AIAA/ASME/ASCE/
AHS/ASC Structures, Structural Dynamics and Materials Conference, Long beach, CA, USA, AIAA 98-2001, 20-23 April 2001.
[6] D.S. Ramrakhyani, G.A. Lesieutre, E.C. Smith, Efficient modeling of elastomeric materials using fractional derivatives and plastic
yielding, Forty-third AIAA/ASME/ASCE/AHS/ASC Structures, Structural Dynamics, and Materials Conference, Denver, CO,
ATAA-2002-1436, 22-25 April 2002.
[71 D.H. Hodges, E.H. Dowell, Non-linear equations of motion for the elastic bending and torsion of twisted non-uniform rotor blades,
NASA TN D-7818 (1974).
[8] K.R. Kaza, R.G. Kvaternik, Non-linear aero elastic equations for combined flap wise bending, chord wise bending, torsion and
extension of twisted non-uniform rotor blades in forward flight, NASA TM-74059 (1977).
[9] A. Rosen, P.P. Friedmann, The non-linear behavior of elastic slender straight beams undergoing small strains and moderate relations,
Journal of Applied Mechanics 46 (1979) 161-168.
[10] O.A. Bauchau, A beam theory for anisotropic materials, Journal of Applied Mechanics 52 (1985) 416-422.
[11] G.L. Anderson, On the extensional and flexural vibrations of rotating bars, International Journal for Non-linear Mechanics 10 (1975)
223-236.
[12] P. Minguet, J. Dugundji, Experiments and analysis for composite blades under large deflection: part 2-dynamic behavior, 4744
Journal 28 (1990) 1580-1588.
[13] A.H. Nayfeh, D.T. Mook, D.W. Lobitz, Numerical-perturbation method for the non-linear analysis of structural vibrations, A/4A
Journal 12 (1974) 1222-1228.
[14] M. Pakdemirli, A.H. Nayfeh, Non-linear vibration of a beam-spring-mass system, Journal of Vibration and Acoustics 116 (1994)
433-439.
[15] A.H. Nayfeh, S.A. Nayfeh, Non-linear normal modes of a continuous system with quadratic non-linearities, Journal of Vibration and
Acoustics 117 (1994) 199-205.
[16] A. H Nayfeh, C. Chin, S.A. Nayfeh, Non-linear normal modes of a cantilever beam, Journal of Vibration and Acoustics 117 (1995)
477-481.
[17] G. Pohit, A.K. Mallik, C. Venkatesan, Free out-of-plane vibration of a rotating beam with non-linear elastomeric Constraints,
Journal of Sound and Vibration 220 (1) (1999) 1-25.
[18] G. Pohit, C. Venkatesan, A.K. Mallik, Elastomeric damper model and limit cycle oscillation in bearingless helicopter rotor blade,
Journal of Aircraft 37 (5) (2000) 923-926.
[19] G. Pohit, C. Venkatesan, A.K. Mallik, Influence of non-linear elastomer on isolated lag dynamics and rotor/fuselage aeromechanical
stability, Journal of Aircraft 41 (6) (2004) 1449-1464.
[20] E. Pesheck, C. Pierre, S.W. Shaw, Modal reduction of a nonlinear rotating beam through normal modes, Journal of vibration and
Acoustics 124/229 (2002).
[21] E.H. Dowell, Component mode analysis of non-linear and non conservative systems, Journal of Applied Mechanics 47 (1980) 172-176.
[22] S.K. Das, P.C. Ray, G. Pohit, Large amplitude free vibration analysis of a rotating beam with non-linear spring and mass system,
Journal of Vibration and Control 11 (12) (2005) 1511-1533.
[23] A.H. Nayfeh, Introduction to Perturbation Technique, Wiley, New York, 1981.
[24] P. Friedmann, K. Yuan, T. Millottand, C. Venkatesan, Hilton Head, USA. ATAA 94-1722. Correlation studies for hingless rotors in
forward flight, AIAA Dynamics Specialists Conference, 1994
[25] P.K. Gupta, C. Venkatesan, O. Singh, Structural dynamics of rotor blades with precone-presweep-predoor-pretwist and torque offset
including hub motion, Proceedings of 48th AGM, Aeronautical Society of India, 1997.



	Free vibration analysis of a rotating beam with �nonlinear spring and mass system
	Introduction
	Formulation
	Solution methodology
	Linear solution
	Nonlinear solution

	Results and discussion
	Linear analysis
	Nonlinear analysis

	Concluding remarks
	Acknowledgements
	References


